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ABSTRACT

The prediction capability of the brake system vibration is still unable to cover a broad range of frequencies.
Current predictive models are contained within a particular range to cater for specific vibration types. Therefore, a
numerical model which could make predictions in a broad spectrum range is required. The model presented in this paper is
derived with such aim. The model is derived from the interaction between the friction pairs with the focus on the brake
pad. The brake disc is simplified as a travelling sinusoidal wave. Where else, the brake pad is modelled as a Euler-
Bernoulli beam with forces and distributed friction acting upon it. The Dynamic Green Equation applied in solving the
derived friction pair equation. The outcome of the developed model predicted brake pad vibrational frequency coinciding
accurately with brake dynamometer experimental results. Therefore, the validated model could be a viable prediction and

study tool for various brake system parameters.
Keywords: braking noise, green’s function, vibration, modelling.

INTRODUCTION

One of the most important criteria in automotive
quality is the vehicle noise, vibration and harshness
(NVH). Under the vast umbrella of NVH lies the issue of
brake noise and vibration. Even though research of this
problem is available in abundance, the predictive
capability is still lacking [1]. A complete predictive model
will be extremely useful in determining the dynamics of
the brake system under various conditions and parameters
[2]. Understanding the dynamics enables the engineer to
test the desired braking parameters at its limit and
identifying its critical limitations [3].

The brake system noise is audibly heard and
vibration is physically sensed but both originate from
vibrations. Some vibration which is audibly relevant is
heard, some are felt and others are ignored by most vehicle
passengers. Thus, the study of these phenomena as
vibration, in general, gives a wider perspective. This is
especially relevant when considering the vibrations of the
low-frequency domain which is below 1 kHz. Noise such
as groan and roughness and vibrations such as judder and
chatter falls within this domain [4]. These vibrations are
an intriguing problem as it occurs in a broad spectrum of
frequencies thus, it’s a challenge predicting these
vibrations. Experiments are not deterministic due to the
intermittent behaviour of the brake vibrations [5]. May it
be the dynamometer experiment or real vehicle testing;
repeatability of the results suffers greatly. Nevertheless,
desired results are produced but the frequencies of the
vibration tend to differ randomly.

The modelling of the brake system is important
both as a predictive tool and a guide to understanding its
underlying behaviour [1]. A proven model is useful in
predicting frequencies of the brakes noise and vibration so
that its characteristics can be evaluated early in the design
phase itself and amendments could be made before
production. The intermittent nature and of the brake noise

and vibration demand for a numerical model that is
capable of predicting all the frequencies that could occur
in the system [6].

A viable brake system model should be derived
based on its dynamics. The friction pair of brake pad and
brake disc lies at the core of this dynamics. This is so due
to the fact that the interaction between the friction pair
produces the vibrations during braking [7]. Starting from
the brake disc, it is said during vibration it behaves as a
travelling sinusoidal wave [8]. Upon contact with the
brake pad during braking, this behaviour will greatly
influence on the motion of the brake pad. The contact is
achieved due to the brake pressure applied by the brake
pistons; this applied pressure would cause the brake pad to
undergo deformation [9]. The experimental measurement
of the brake pad static deformation shows a weakly linear
behaviour [10]. A poorly linear means it would follow
linear behaviour.

Referring to available literature, the brake system
is commonly modelled as lumped rigid model together
with other brake system components [11, 12, 13] these
types of models studies the brake pad motion constituent
of transverse motion or rotational motion or the combined
motion of both. The deformation during vibration is
neglected. To include deformation an elastic beam model
could be adapted in brake system modelling as done by
[13, 14]. The brake pad is a complicated element as it
experiences multiple forces from various with at least
more than one continuous variable. Thus, the partial
differentials equations (PDE) are unavoidable in the
model.

The PDE is also common in the beam equation.
The usage of the dynamic green equation is a common
practice in beam modelling [15, 16, 17]. Nevertheless, it is
applicable to the brake pad modelling. The available
literature shows that the green function is used in
conditions where the beam is subjected to a single periodic
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load may it be stationary or in motion but only acts at a
single point at any given time. The case of the brake pad is
more complicated where there are various loads in
different directions and the distributed friction force to be
taken into account. To the best knowledge of the authors,
this type of application is yet to be found in the available
literature.

As mentioned earlier, the interaction of the
friction pair is what leads to the vibration, this interaction
occurs at the point of contact of the friction pair. The
friction pair forms a non-conformal elastic contact [18].
This implies the contact patch between the friction pair
may vary due to the motion of the pad and disc. The
formation of small patches produces more noise than large
contact patches and the size of the contact patches increase
with brake pressure [19]. Another study also regarding
contacts suggested that the rotation of the disc caused the
shifting of the brake centre of pressure which increased the
propensity of noise [20]. These contact patches are where
the friction force is produced. This suggests that the
friction force distribution is not evenly distributed along
the contact points of the friction pair. The friction force
plays another role in brake system vibration which is to act
to bind the motion of the brake pad and brake disc during
contact [21]. This is called the mode coupling phenomena.

This paper attempts to model the behaviour of the
brake pad during braking with the focus placed on the
brake pad motion from the model vibrations frequencies
that arise during braking can be identified. All the
obtained frequencies are vibrational characteristics of the
brake pad, but not all will be relevant to audible noise as
some may be a sensible vibration. It is up to the user’s
interest to which frequency range is relevant depending on
the noise or vibration types analysed by the user.

METHODOLOGY

The friction pair modelling: Disc brake

The disc and pad act as a coupled system during
braking; this causes the pad and disc to be excited and
vibrate in a couple. The disc not only vibrates but also
rotates at the same time. This brings to the assumption that
the vibration of the disc acts as a travelling wave due to
the rotation of the disc. The rotation of the disc, wq is a

rotational harmonic motion with amplitude, X and
rotational frequency of w;, where else, t is the time
component of the equation.

waq =Xcosw; t (D

The amplitude of mentioned motion in equation
(1) is the vibration amplitude of the disc during rotation
which is represented by equation (2). The disc vibrates at
amplitude A at frequency, w,. The disc carries certain
number of the vibration waves, k which excites the brake
pad at points, x along the length of the brake pad.

X = Asin(kx — wyt) 2)

The culmination of the disc rotation and the disc
vibration leads to equation (3).

wq = Asin(kx — wyt) cosw; t 3)

The wave number, k is calculated using equation (4)
k=2 “)

where, A is the wavelength. Equation (3) shows that the
brake disc vibrational amplitude and its frequency must be
known to compute the equation.

An experimental modal analysis (EMA) is
performed on the brake disc to estimate these parameters.
The EMA on the disc is conducted under free-free
boundary condition. The EMA results are presented in
Figure-1. The EMA frequency spectrum shows the
frequencies and amplitudes which the brake disc is most
likely to vibrate at given excitation. The higher the peak
the more like it is to vibrate. Thus eight highest peaks
frequency and amplitude are extracted from the EMA
results for the computation of equation 3.
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Figure-1. Experimental modal analysis of brake disc.

The extracted frequencies and amplitudes are
shown in Table-1. The frequencies and amplitudes are
numerically labelled with a prefix, n for ease of reference.
Each frequency and amplitude pair will produce a
sinusoidal wave and during actual running and braking
operation all these waves superposition and acts as a single
excitation. This behaviour is mathematically expressed in
equation (5). This equation was computed with 4 different
disc rotation frequencies R1 to R4. The rotational
frequencies used in the simulation is shown in Table-2.
The computation of equation (5) reveals the oscillation of
the brake disc as a function of time. A fast Fourier
transformation (FFT) is performed to identify the
frequencies of the oscillation. From the FFT spectrum,
peak frequencies are extracted and matched to the EMA
frequencies.
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Table-1. Frequencies and amplitude pairs from

EMA resullts.
n Frequency (Hz) | Amplitude (m)
1 157.5 5.85E-05
2 295.5 2.89E-05
3 390.0 1.59E-05
4 437.0 1.16E-05
5 492.5 4.22E-05
6 625.0 1.57E-05
7 790.0 1.49E-05
8 880.0 1.57E-05

Figure-2(a) to Figure-2(d) shows the timed
oscillation of the brake disc and Figure-3(a) to Figure-3(d)
shows the frequency spectrum of the oscillations for
rotational frequencies R1 to R4 respectively. A
combination of the frequency spectrum shown in Figure-
3(a) to Figure-3(d) is made to show the effect of the
increasing rotational frequency. By looking at Figure-4 the
increase of the rotational speed caused the entire spectrum
to shift to a higher frequency. This is a crucial observation,
if the shifting of the frequency hits the resonance
frequency of any brake system component, a high
amplitude vibration would be produced.

During braking, rotational speed changes
continuously, therefore momentarily a resonant frequency
could be hit and vibration may be felt by the passenger.
This may be one of the reasons for the intermittent
behaviour of the brake system vibration.

Y10 wa = A, sin(k,x — wyt) cosw; t (5)

Table-2. Rotational frequencies used for computation.

Rotational frequencies (rad/s)
R1 83.77
R2 104.72
R3 115.19
R4 125.66

The number of waves contained in the brake disc
during vibration is half of the mode order of the frequency
the disc is vibrating. The wavelength of these waves are
dependent on the brake disc diameter which is 0.237 m.
for example, at the 1* mode, the brake discs will contain
half a wave, thus, that wavelength will be twice the
diameter of the brake disc. The modes of the probable
vibration, the number of waves and the corresponding
wavenumber is shown in Table-3. These wavenumbers are
incorporated in the equation (4) during the simulation.
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Figure-2. Brake disc oscillation for rotational frequency
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Figure-3. Frequency spectrum for rotational frequency (a)
R1 (b) R2 (c) R3 and (d) R4.

The accuracy of each simulated frequency is
calculated in reference to the EMA results. This is shown
in Table-4. Again the frequencies are labelled numerically
with a prefix, n. To show the accuracy visually, a plot is
made. This plot is shown in Figure-5. It could be seen that
the simulations are high in accuracy. Thus, the disc model
may it be simple but it is sufficient enough to be used
together with a brake pad model.
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Table-3. Rotational frequencies used for computation.

N | Mode 1\1111(:1f't)er Wavel;ngth, nl‘l)‘llrill‘)’:r,
waves K
1 1 0.5 0.47 13.25
2 3 1.5 0.15 39.77
3 5 2.5 0.09 66.28
4 6 3.0 0.07 79.54
5 7 3.5 0.06 92.80
6 8 4.0 0.05 106.05
7 9 4.5 0.05 119.31
8 10 5.0 0.04 132.57

Table-4. Accuracy calculation of simulated frequencies

based on EMA frequencies.

Extracted frequencies (Hz)
n EMA R1 R2 R3 R4
1 157.5 | 127.14 | 131.25 | 120.48 133.30
2 295.5 | 220.99 | 211.87 | 231.73 215.33
3 390.0 | 354.78 | 285.05 | 383.49 348.66
4 437.0 | 432.71 | 420.41 | 471.68 436.81
5 492.5 | 488.06 | 504.49 | 539.35 574.21
6 625.0 | 566.01 | 635.74 | 670.60 705.46
7 790.0 | 760.84 | 830.56 | 865.43 799.80
8 880.0 | 955.66 | 885.93 | 943.35 900.29
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Figure-4. Combined frequency spectrum for all
rotational frequency.
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Figure-5. Accuracy plot of simulation and EMA.

The friction pair modelling: Brake pad

The brake pad mathematical modelling is done
based on the friction pair diagrams shown in Figure-6. The
forces mentioned earlier are derived and imposed on the
brake pad. Referring to Figure-6, the piston imposes force
on two points on the brake pad which is point x, and x;, .
The normal force, FE,, is expressed mathematically in
equation (6) as a function of pressure, p, piston area, 4,
and the delta Dirac function, § which is to impose this
force at specific points.

E, = pAp [6Cx —xq) + 6 (x — xp)] (6)

Next is the dynamic normal force, F(x,t). This
force is modeled by using the Hooke’s law. During
braking the pad experiances deformation due to the
braking force and the motion of the disc. Equation (7)
expresses this behaviour as the product of pad stiffness
coeficient, kp and the difference of disc motion, w; and
brake pad motion, wy,.

F(x,t) = ky(wa—wp) (N

10378



VOL. 11, NO. 17, SEPTEMBER 2016

ISSN 1819-6608

©2006-2016 Asian Research Publishing Network (ARPN). All rights reserved.

ARPN Journal of Engineering and Applied Sciences i ;a\.

www.arpnjournals.com

F otati oal :‘ﬂ I
Direction

Disc

Cross-sectional plane

Piston

Diac Fad

_l S
—

Fotati oral
direction

Figure-6. Schematic view of the friction pair used
in modelling.

Assuming the disc and pad are always in contact,
the Pasternak foundation model [22] is employed to add
the shear force, F; to the model. Equation (8) defines the
shear force where K; is the shear modulus of the brake
pad.

9% (wa-wp)
9x2

Fs = —Kg 3)

From the dynamic normal force and the shear
force, the damping could be defined. The damping force
would the dynamic damping force, F; and the shear
damping force, F;;. The damping would be the time
derivative of the forces with the introduction of the
damping constant, ¢4, and shear damping constant, cys.
This is shown in equation (9) and equation (10).

Fq =cq —a(w‘ézww 9
33 (wqg-wp)
Fas = Cas—5 = (10)

The friction force which acts along the contact
point of the friction pair is the product of the brake pad
friction coefficient and the total forces acting on the brake
pad. The friction coefficient used in the simulation model

is a constant of 0.35 which was obtained from the
manufacturer of the actual brake system, that is also used
in the present experiment.

To spread the friction force, Fy along the contact
points of the brake pad the total force, Fr is integrated.
The upper limit of this integral is the length of brake pad,
L and the lower limit isthe arbitrary point, u.

Fr = —uf, Fpdu (11)

The brake pad is modelled as a beam, thus, the
final equation is expressed in equation (12). The Euler-
Bernoulli beam theory is adapted where the brake pad
properties such as pad density, p, pad cross-section area,
A, pad young modulus, E, and pad moment of inertia, 1.

a2 a*
PA s a:;b + EI a::;b = pA,[8(x —x,) + 8(x — xp)] +
2 — —
kp(Wd_Wb) —_ KG 9 (WSXZWb) + Cd a(w‘j’th) +
3 (wq—wp) L
as oz~ J, Frdu (12)

To solve equation 12, the dynamic green’s
equation is wused. According to Dynamic Green
formulation for the brake pad motion, w,, can be
expressed in equation 13 as a function of the green’s
function and forces acting on the brake pad. The green’s
function is then expressed in equation 14.

Wy = G(x,u)FT (13)

A, cosgx + A, singx

+4, cosh gx + Ay sinh qx,

G(x.u)Z{ 0<x<u)
B, cosqx + By singx

+B; cosh gx + B, sinh gx,

(u=x=1L)

(14)

The frequency parameter separation constant, q is
derived from the Euler- Bernoulli beam equation which is
expressed in equation (15).

2 4
wo 4 g1 = (15)

s at2 x4

pA

For normal mode oscillations, the brake pad can
be expressed as a simple harmonic motion as in equation
(16) where X(x) the amplitude function is and w,, is the
brake pad natural frequency.

wy (x,t) = X(x) cos wyt (16)

The second and fourth derivatives are substituted
in equation (16) appropriately giving rise to equation (17).
Rearranging the equation (17) enables the deployment of
the general solution of the homogeneous equation for
normal mode oscillations.
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d*X(x)

pAX(X)W2 + EI Fpra 0

d*X(x) _
X)) +——=0,
4 __ WZACS

where ¢ o

a7

The constants A; to A, and B, to B, is obtained
by satisfying three conditions, first is the boundary
conditions at the ends of the brake pad, second is the
displacement, acceleration and moment continuity
condition at x =u and third is the shear force
discontinuity at x = u. During braking the brake pad
under goes bending motions [23], thus the boundary
conditions at the end of the brake pads are free. This
means that there is no bending moment and shear force at
the free end. These are expressed mathematically in
equation 18(a) to equation 18(d). The second order
derivation with respect to x of the green’s function in
equation (14) is the bending moment where else the third
derivative is the shear force.

G"(0,u) =0 (18a)
G"(Lu) =0 (18b)
G"'(0,u) =0 (18¢c)
G"'(L,u) =0 (18d)

The green function has two parts, one for the x-
coordinates after and another for before the arbitrary point,
u, but at the arbitrary point both part of the function must
agree to each other in terms of displacement, acceleration
and bending moment.

Glut,uw) =6 ,u) (19a)
G'ut,u)=6"(w",u) (19b)
G"(ut,u) =G6"(w",u) (19¢)

The shear force is discontinuous with magnitude
one at the arbitrary point for the green function.

EI[¢"(urw)—-G¢"(w ,w] =1 (20)

The simulation is carried out in a closed-loop
manner as can be seen in Figure-7. The forces acting on
the brake pads are produced from the motion difference
between the disc and pad.

Disc motion, + Normal ]
wy force, F,,
4‘ Dynamic

Wy, normal ||

force,
F(x,t)
Green Function,
G(u, x) Shear force, | |
FS
Damping | |
Force, Fy;
Friction Shear
force, F; Damping [
Force, Fy;.
T -

Figure-7. Simulation flows diagram.

These forces are incorporated into the green
formulation to deduce the pad motion, w;, which in return
is fed back in the loop. This is made as such so that the
pad motion at any given time is influenced by the previous
state of the system. Therefore, a continuous dynamic
simulation close to real time system behaviour can be
achieved. The brake dynamometer used to conduct the
experimental testing to validate the simulation is shown in
Figure-8.

- R | ’

L

v i

Figure-8. Overview of the brake dynamometer.

RESULTS AND DISCUSSIONS

The simulation directly will produce results for
the brake pad motion from x =0 to x = L due to the
forces acting at point, u. These results are super positioned
from u, to u,g to create the reaction of distributed forces
on the brake pad. The selected arbitrary point u is
tabulated in Table-5 and the parameter used to simulate
the model is shown in Table-6. As done with the brake
disc results, the FFT is utilised to identify the frequencies
of the vibration that occurred during operation.
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Table-5. Selected arbitrary points for simulation.

u Point position on x-axis
Uy 0

U, 0.004
Usg 0.008
Uy 0.012
Ug 0.016
Ug 0.020
U, 0.024
Ug 0.028
Uqg 0.032
Uqp 0.036
Uqq 0.040
Uqy 0.044
Uqg 0.048
Uqy 0.052
Ugs 0.056
Ugg 0.060
Uqy 0.064
Uqg 0.068

The FFT diagrams are shown for all the selected
rotational speed in Figure-9(a) to Figure-9(d). These
frequencies are compared to an experimental brake
dynamometer results which are shown in Figure-10(a) to
Figure-10(d). The error of the simulation frequencies
comparing to the dynamometer experiment is calculated
and tabulated in Table-7 and detail in Figure-11.

Table-6. Selected arbitrary points for simulation.

Constants Value
Points where piston force is applied, x, 0.023
Points where piston force is applied, x,, 0.053
Brake pressure (kPa) 90
Piston area (m2) 0.025
Pad stiffness coeficient (N/m/m?) 0.18x10"
Pad damping constant (Ns/m) 1350
Length of brake pad (m) 0.068
Pad mass (kg) 0.8
Pad density (kgm™) 2798
Pad cross-section area (mz) 0.157
Pad young modulus (Pa) 2.432x10°
Pad moment of inertia (m®) 0.049
Friction coefficient 0.350

The simulation produces frequencies in a broad
range. The frequency peaks from the simulation show
harmonic behaviour. This is evident in Figure-9(a) to
Figure-9(d). The harmonic pattern is closely related to the
distributed friction force and the nature of the contact. The
distributed friction force on the brake pad acts as an
excitation force along the contact points of the friction
fair. This means that the brake pad is being excited
simultaneously along the contacting surface of the friction
pairs. The simultaneous excitation coupled with the
rotation of the disc produces the harmonics. Each point on
the brake pad is excited by the friction force upon contact;
the motion of the brake pad due to the excitation is
transferred to the disc, this is called the mode coupling
phenomena. Due to the rotation of the disc, this motion is
transferred to the next point on the brake pad at the same
time this point is already in an excited state due to the
contact. This phenomenon occurs along the contact points
continuously. Thus, the system gets more and more
excitation energy and it's being excited continuously. This
causes the brake pad to vibrate in a broad frequency
harmonically.
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Figure-9. FFT plot for rotational frequency (a) R1, (b) R2,
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(c) R3 and (d) R4.
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The results analysis shows that the simulation
produced the brake pad vibration frequencies in high
accuracy relative to the brake dynamometer results. This is
evident in Figure-11. In average the simulation frequency
differs about 5% from the experiment but for the rotational
speed R1, a large deviation can be seen. The first
prediction frequency is way off; the possible explanation
is due to the intermittent nature of the brake vibration. A
vibration at a certain frequency is not always noticeable all
the time. The captured frequency from the experiment at
that specific moment did not yield the frequency predicted
by the model. Thus, the closest possible frequency was
selected which comparatively resulted in a large error.

Even though all the other predictions are
accurate, this inconsistency stresses the dynamic nature of
the brake vibration, due to the dynamic characteristics of
the normal force, all the other forces which are derived
from this force behaves in a dynamic way. This dynamic
interconnection brings a sense of randomness to the
excitation force at any given time. This is the reason
repeatability brake vibration measurements are difficult to
produce. Here is where the derived model shows its
capabilities by producing all the possible frequencies of
which the vibration could occur. This can be seen
especially in the rotational speed R4 where the experiment
only yielded three noticeable frequencies but the
modelling predicted a broad range of frequencies which is
possible to occur at that speed. None the less the
frequencies obtained from the experiment were simulated
in high accuracy. Through experiment, only a few
frequencies were observed, thus, the comparison was
made with those visible frequencies to assess the model's
prediction capabilities.

Predicting and identifying the vibration
frequencies that occur in the brake system is the first step
in reducing the brake system vibration. One of the
methods is the usage of finite element model to extract
eigenvalues to identify the natural frequency of the brake
system at a specific time during operation. The next step is
the parametric analysis to identify the propensity of the
vibration and make necessary modification to eliminate
the vibration.

Table-7. Experimental and simulation frequencies
with its errors.

Speed n Experiment | Prediction Ex(;ror
(Hz) (Hz) (%)

R1 I 40 6.152 84.62

2 500 492.188 1.562

Average 43.09

R2 1 48 38.964 18.82

2 104 119.971 15.35

3 144 160.986 11.79

4 200 200.977 0.488

5 232 241.992 4.306

6 296 321.973 8.774
7 336 361.963 7.727
8 400 402.970 0.742
9 432 442.969 2.539
10 496 482.959 2.629
11 696 684.961 1.586
12 800 805.957 0.744
13 896 886.963 1.008
Average 5.886

R3 1 50 38.9684 22.06
2 100 118.945 18.94
3 150 159.961 6.640
4 200 198.926 0.537
5 224 239.941 7.116
6 252 280.957 11.49
7 300 319.922 6.640
8 350 360.938 3.125
9 400 401.953 0.488
10 448 440.918 1.580
11 470 481.934 2.539
12 500 522.949 4.589
13 524 563.965 7.626
14 600 602.930 0.488
15 652 643.945 1.235
16 700 723.926 3.418
17 746 764.941 2.539
18 800 805.957 0.744
19 900 885.938 1.562
Average 5.310

R4 1 144 159.961 11.08
2 440 442.969 0.674
496 482.959 2.629

Average 4.796

The modification in shape influences mass and
the modification in material influences stiffness so that the
natural frequency is shifted away from the targeted noise
or vibration frequency. The proposed model in this paper
simulates the motion of the brake pad during operation.
Thus, the frequencies obtained are from vibrations that
occur in real time as the simulation of the brake system
operates. The simulation frequency spectrums show the
vibration frequencies that occur during operation gives rise
to harmonics with peak frequencies close to each other.
Therefore, the attempt to shift the frequencies may lead to
more problems than solutions. This is so because the
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shifted frequency may fall on a peak frequency and cause
severe resonating vibrations.
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Figure-11. Accuracy comparison between simulation and
experiment for speed (a) R1 (b) R2, (c) R3 and (d) R4.

At varying speeds, referring Figure-9 and Figure-
10, it can be said that the passive attempts to eliminate
brake vibration is very challenging, fine tuning of a brake
system to perform quietly in a highly variable environment
is close to impossible. Therefore, an active method in
reducing brake noise is most likely the best suitable
method. The active method such as actively controlling the
normal force distributing which in turn control the friction
force could be employed. In the venture to produce an
active control of the normal force, this model could be
used to predict the vibrations that occur before actual
hardware implementation can be carried out.

The fundamental reason for the closely formed
harmonic frequencies is the disc and pad contact itself.
Having a non-contacting brake would eliminate the
harmonics that arises due to the contact. One candidate for
such a brake system is the Eddy Current Brake (ECB)
which retards motion with magnetic fields. Even though
the ECB concept has been around for quite some time but
recently the boom of hybrid vehicles makes the ECB an
interesting point. The weakness of the ECB is that it could
not hold the brakes when the vehicle comes to a stop.
Implementing the ECB as a fully functional brake in a
hybrid vehicle braking system would greatly increase the
regenerative capability of the vehicle coupled with
regenerative braking which works with the same laws as
the ECB. A fully functional ECB would remove the
conventional friction brakes together with the noise and
vibration problem that comes with it.

CONCLUSIONS

The model was able to simulate all the possible
frequencies that might occur during braking operation.
The simulated frequencies matched accurately with
experimental brake dynamometer test results. The
simulated frequencies are within the range of known noise
and vibration frequencies such as groan, roughness, and
judder. Even though the temperature is a major factor in
brakes but in this paper, this factor is neglected but none
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the less the validation is still expectable because during
testing the brakes applied within a time period where there
was no significant increase in temperature. With the
validation of the model further studies using the model is
possible. Testing could cover a wide range of braking
parameters and also the dynamic behaviour at the brake
pad and disc contacts. The model is still in its infancy and
can be improved greatly.

The improvements can be made in terms of
damping, the inclusion of temperature, wear and a more
in-depth model of the brake disc. The damping equation
used in the model is a simple one. A more complicated
damping equation could be applied after performing
detailed experiment on the brake pads to deduce its
damping characteristics. Next is the temperature factor, it
is well known that friction brakes produce heat during
operation. The increase in temperature could contribute to
the deformation of the brake pads thus the contact points
could be compromised. A temperature function which is
deduced from frictional contact could greatly improve
results of brake pad deformation. Prolonged usages of the
brakes lead to wear of the brake pad and disc. When a
wear model is included in the current model, predictions
of when the vibration hits a critical level could be made.
Lastly, the disc could also be modelled in detail as was
done with the brake pads and also with the
recommendations made for the brake pad model could
also be imposed on the brake disc. A complete friction pair
model with the mentioned recommendation will become a
powerful predictive tool.
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